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Highlights

Modified diesel engine with late direct injection and rapeseed biodiesel.

Biodiesel combustion analysis allows characterization of engine performance.

NOx emissions are significantly reduced compared to conventional diesel combustion.
Accurate models of autoignition delay and combustion duration are proposed.
Abstract

A compression ignition reciprocating internal combustion engine has been
modified to allow operation with late direct injection of rapeseed biodiesel fuel blends.
The purpose of these modifications is to reduce both the engine’s carbon footprint and
emission of nitrogen oxides and soot, without decreasing performance or using
expensive emission post-treatment systems. The experimental part of this work is based
on the measurement of the main pollutants being emitted and the analysis of the
combustion process, which is accomplished by the study of the heat release rate curve.
This curve is derived from the experimental chamber pressure data, in combination with
a zero-dimensional thermodynamic model assuming a perfect mixing reactor with
temporal variation in volume and chemical composition, temperature-dependent
properties and heat losses. The analysis of the experimental results allows deepening
the knowledge of the combustion process in a compression ignition engine with late
direct injection using different biodiesel blends. There is a significant reduction (> 50%)
of emissions of nitrogen oxides in comparison with the original configuration. This allows
considering the modified configuration as an advanced combustion mode, intermediate
between conventional compression ignition engines and homogeneous charge
compression ignition combustion mode.
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Nomenclature

ABDC After bottom dead center HCCl Homogeneous charge

compression ignition
ATDC After top dead center P g

HRR Heat release rate
B Bore

) IVC Inlet valve close
BMEP Brake mean effective pressure

IVO Inlet valve open
BSU Bosh smoke units P

LHC Lower heating value
BTDC Before top dead center g

NOx Nitrogen oxides
CAD Crank angle degree g

Pressure
CFD Computational fluid dynamics P
S Heat
Cl Compression ignition Q
R Ideal gas constant

CO Carbon monoxide

L rom  Revolutions per minute
CO, Carbon dioxide P P

- . SOC Start of combustion
Cp Specific heat capacity

, SOl  Start of injection
Cm  Mean piston speed

— t Time
EA Energy of activation
. . T Temperature
EGR Exhaust gas recirculation
. v Volume
EOC End of combustion
Tangential speed
EVC Exhaust valve close Vs g P
Fuel fraction n
EVO  Exhaust valve open Xg uel mass fraction burned
y Specific heat ratio

F Fuel/air equivalence ratio

FAME Fatty acid methyl ester 9 Crank angle

h Instantaneous heat transfer Combustion delay

coefficient 1) Angular speed
HC  Hydrocarbons
1. Introduction

Biodiesel is a fuel composed of fatty acid methyl esters (FAME) derived from
transesterification with methanol of fats of typically vegetable origin [1]. The main
advantage of the use of biodiesel as a fuel in reciprocating internal combustion engines
lies in its renewable origin, which is why its combustion is considered neutral in carbon
dioxide (CO;) emissions, due to the assimilation process encompassed in the
photosynthesis carried out by the plant. Furthermore, the use of biodiesel as a fuel in
compression ignition (ClI) engines reduces the levels of emissions of carbon monoxide
(CO), soot and unburnt hydrocarbons (HC) [2]. Other advantages associated with the
use of biodiesel consist of a higher cetane number than that corresponding to fossil
diesel fuel and a very low content of sulphur and aromatic compounds [3]. However, the
use of biodiesel in reciprocating internal combustion engines entails a series of
drawbacks, such as a lower energy density than fossil diesel fuel, as well as higher
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viscosity values, cloud point and pour point [4]. Furthermore, another drawback of the
use of biodiesel in internal combustion engines is the slight increase in emissions of
nitrogen oxides (NOx) compared to fossil diesel fuel [5]. Among the reasons for this slight
increase in NOx emissions, it is worth highlighting [6]:

e The kinetic mechanisms of biodiesel oxidation are different from those of fossil
diesel fuel.

e The higher cetane number in biodiesel implies the advancement of combustion,
which increases the maximum temperature reached in the chamber.

e The adiabatic flame temperature of oxygenated fuels, such as biodiesel, is higher
than that of fossil diesel fuel.

e The lower soot emissions associated with the combustion of biodiesel implies a
lower radiative heat loss, which increases the temperature of the gases.

e The different properties of biodiesel regarding the mixture formation influence the
portion of energy released in the premixed and diffusive combustion phases.

Within the framework of Cl engines there are several advanced modes of
combustion (e.g.: homogeneous charge compression ignition, partially premixed
compression ignition, reactivity controlled compression ignition, ...), which have as their
main task to improve the performance of the combustion, either in terms of power and/or
of emission of pollutants [7]. Among the mentioned advanced modes of combustion is
late direct injection. The term “late” is due to the fact that the fuel injection occurs later
than in a conventional diesel engine. However, this delay in the fuel injection is shorter
than that used in the system known as Modulated Kinetics (MK) [8] [9] [10]. The main
attraction of the use of late direct injection is its potential to reduce NOx emissions, due
to the decrease in average temperature during the combustion stage [11], as detailed in
Section 2. However, this also leads to one of the main drawbacks of this combustion
mode: the decrease in NOx emissions is accompanied by an increase in soot emissions.

The achievement of the ultra-low levels of NOx and soot emissions imposed by
the legislation in force constitutes one of the main determining factors in the design of
future reciprocating internal combustion engines [12] [13]. The objective of this work is
to evaluate the possibility of reducing NOx emissions without the need to employ
expensive emission post-treatment systems, while avoiding compromising the typical
levels of the engine’s thermal efficiency. To achieve this objective, the use of fossil diesel
fuel mixtures with biodiesel is proposed, in different percentages, in combination with a
late direct injection system. In this way, the increase in soot emission levels derived from
this injection system will be offset by the reduction derived from the use of biodiesel as
fuel. Likewise, the slight increase in NOx emissions derived from the oxidation of
biodiesel will be offset by the reduction associated with the late direct injection strategy.
To achieve this objective, in addition to considering the emission of the main pollutants,
special attention will be paid to the study of both the ignition delay and the combustion
duration, which will be done through the study of the heat release rate (HRR). From this
analysis, the possibility of establishing suitably validated functional laws for the ignition
delay and the combustion duration will be evaluated, which in the future will constitute
the foundation of a predictive model of this mode of combustion.

The present work is divided into three main blocks. First, the details
corresponding to the test bench designed to obtain the experimental data will be
presented, including the characteristics of the studied engine, the instrumentation and
the different fuels used. Next, the main characteristics of the mathematical model used
for the combustion analysis will be exposited, which will make it possible to obtain the



HRR curves. Subsequently, the results obtained in relation to both the pollutant
emissions and the ignition delay and the combustion duration will be analysed. Finally,
the main conclusions derived from the experimental analysis developed will be
presented.

2. Experimental setup

The experimental data analysed in this work have been obtained from a single
cylinder four-stroke engine, compression ignition, direct injection, naturally aspirated and
air-cooled, model Deutz FL1 906 (Fig. 1, left). Although originally the engine would
develop a rated power of 11 kW at 3000 rpm and a maximum torque of 45 Nm at 2100
rpm, a series of modifications have been carried out to optimize its operation with late
direct injection, whose start of injection (SOI) is set 10 CAD BTDC. The characteristics
of the analysed engine after making the modifications are listed in Table 1.

Table 1: Specifications of the modified Deutz FL1 906 engine.

Parameter Value
Displacement 708 cm?®
Bore 95 mm
Stroke 100 mm
Compression ratio 18.4:1
Piston bowl diameter 34.5 mm
Injection pump Mechanical
Nozzle opening pressure 300 bar
No. injection holes 5
Injection hole diameter 0.26 mm
IVO /IVC -2/ 36 CAD ATDC
Inlet valve diameter 44 mm
EVO/EVC -36 / 2 CAD ABDC
Exhaust valve diameter 38 mm
Maximum valve lift 12 mm
Lube oil system Gear pump
Cooling system Fan by flywheel

To reduce NOx emissions, it is necessary to enhance both the evaporation of the
fuel and its subsequent mixing with the air, so that at the onset of combustion there is a
composition in the chamber that is as homogeneous as possible. Since the conditions in
the chamber during late direct injection imply a minimization of the autoignition delay due
to the proximity of the TDC, measures are required to avoid the combustion of a
heterogeneous charge. This is due to the fact that the temperature levels during late
direct injection allow a vertiginous increase in the concentration of radicals that promote
the appearance of H,O,, whose presence is considered the trigger for combustion
ignition [14] [15]. Possible measures to increase delay in late direct injection engines
include cooled exhaust gas recirculation (EGR), a tool commonly used in diesel engines
to reduce NOx emissions. The use of EGR is based in the introduction of a fraction of
the exhaust gases in the engine cylinder, causing a decrease in the temperatures during
combustion [16]. Likewise, to promote the evaporation of the fuel and its mixture with the
air, it is possible to increase the level of turbulence in the combustion chamber. To do
this, maximizing the initial turbulence through external mechanisms (initial swirl) is ruled
out, since this would imply greater heterogeneity in the temperature field due to
increased heat losses, finally resulting in higher levels of pollutant emissions and, even,
in lower efficiency [17]. On the contrary, the use of internal induction mechanisms is
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considered adequate, which maximize the level of turbulence when the piston is close to
the TDC (internal swirl). Among these mechanisms, the adoption of high-swirl chamber
pistons, instead of the traditional disc pistons, stands out. Although the original engine
already had a bowl-in-piston combustion chamber, it was found that the induced
turbulence levels were insufficient and therefore the diameter of the piston bowl had to
be reduced. For this reason, the original piston, with a ratio between cylinder and
chamber diameter of 1.6, was replaced by another design with a greater capacity to
induce swirl, with a ratio of 2.8. In this way, by combining the cooled EGR and the internal
turbulence induction mechanisms, it is intended to achieve a delay in the start of
combustion and a reduction of the maximum value of the HRR curve, which will ultimately
lead to lower levels of NOx formation.

In addition to the change in the start of injection angle, to improve the conditions
in the tests in which biodiesel is used as fuel, the fuel injection system was modified to
increase the maximum injection pressure from its original 450 bar to a value of 650 bar.
This is intended to contribute to improving the homogeneity of the mixture, reducing the
injection time and increasing the surface-volume ratio of the injected fuel droplets, which
contributes to a faster evaporation of the fuel.
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Fig. 1: Analysed engine (Deutz FL1 906 model) and test bench scheme.

A diagram of the designed test bench is shown in Fig. 1 (right). In addition to the
previously mentioned modifications in relation to the cooled EGR and the fuel injection
systems, this figure shows the installation of a stagnation box in the intake and an
expansion tank in the exhaust, in order to eliminate the strong pulsating waves generated
by the operation of the single-cylinder engine. As can be seen in Fig. 1 (right), control of
the torque and the rotation speed is carried out by means of a 25 kW electric
dynamometric brake, with a variable frequency drive and a load cell to measure the
generated torque.

In addition to the previously mentioned systems, the test bench is equipped with
the following monitoring instrumentation:

¢ High frequency data acquisition system, lotech DAQ 3000 (16 bit, 1 MHz).

e Crankshaft angle encoder, Kistler 2613B, with an accuracy of 0.02 CAD.

e The absolute pressure in the combustion chamber is obtained from a combination
of the signals from a water-cooled piezoelectric sensor, Kistler 6061B, and the
intake pressure measured by a piezo-resistive probe, Kistler 4045A10.

e Exhaust gas analyser, Fisher-Rosemount NGA 2000, whose main characteristics
are shown in Table 2.



Table 2: Exhaust gas analyser specifications.

Parameter Sensor Range Accuracy
o Paramaanetic 0 - 5%vol + 0.04%vol
2 g 0 - 100%vol + 0.8%vol

0 - 5,000 ppm + 5.0 ppm

CO Non-dispersive infrared 0- 100,000 ppm  + 5,000 ppm
CO2 Non-dispersive infrared 0 - 20%vol + 1%vol
0 - 250 ppm + 12.5 ppm
I 0 - 1,000 ppm + 50 ppm
NOx Chemiluminescence 0 - 2,500 + 125 ppm
0 - 10,000 + 1,000 ppm
HC Flame ionization 0- 1,000 ppm + 50 ppm

0 - 20,000 ppm  + 1,000 ppm

To carry out the experimental tests included in the present analysis, both diesel
fuel of fossil origin (EN-590), hereinafter BO, and mixtures of it with rapeseed biodiesel
(EN-14214) at 30% and 65%, hereinafter B30 and B65 respectively, were used. Table 3
shows the main properties of the tested fuels, which were laboratory characterized.
Analysing Table 3 it can be concluded that the incorporation of biodiesel into the fuel
leads to a notable increase in viscosity and density, as well as a displacement of the
distillation curve towards the higher temperature range. These characteristics, together
with the higher surface tension of biodiesel, result in a larger droplet size, greater
penetration of the injected fuel spray and greater difficulty in evaporating it. This
increases the risk of the fuel being deposited in a liquid state on the chamber walls, which
would lead to a loss of efficiency, higher emissions of carbon monoxide and unburnt
hydrocarbons, and even the possibility of causing mechanical damage to the cylinder
due to the destruction of the lube oil film.

Table 3: Main properties of the tested fuels.

Property BO B30 B65 B100
Density, at 15°C (kg/m3) 832.0 858.8 865.5 883.4
Viscosity, at 40°C (cSt) 2.9 3.3 4.0 4.6
LHV (MJ/kg) 43.1 42.2 41.2 40.2
95% distillation temperature 175-350 200-390 207-405 320-415
Cetane index 47.0 47.6 52.2 52.6
Reduced formula CHi - - CH1.8500.11
Stoichiometric A/F 14.7 - - 13.0

For each fuel mixture considered, different conditions of speed, load and
percentage of external EGR were analysed. The control strategy of the EGR system is
“constant fuelling rate” to that of the no EGR case. This approach leads to different fuel-
to-air ratios increasing with the EGR rate. Since the injected fuel is constant, the power
output is almost equal (slight drop), hence making the comparison fair and logical [18].
The ranges of variation of each of these four operating variables are defined in Table 4.
In the case of the percentage of external EGR, the analysed range extends from null
values to the value that implied, for each combination of fuel blend, speed and load, an
erratic engine operation (due to misfire), having reached a maximum value of 41%. The
tests carried out show that the higher the engine load, the lower the maximum
percentage of EGR, due to the higher concentration of combustion products.
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Table 4: Operating conditions involved in the experimental tests.

Variable Values
Fuel BO, B30, B65
Speed (rpm) 1800, 2100, 2400
Fuel/air equivalence ratio 0.20, 0.30, 0.45, 0.60
EGR (%) From 0 to 41

3. Modelling

Given that the objective of this work is to analyse the combustion derived from
the use of a late direct injection, it is essential to have a model that allows obtaining the
HRR from the chamber pressure data corresponding to the tests carried out, both with
fossil diesel fuel and with mixtures with different percentages of rapeseed biodiesel. For
this reason, a zero-dimensional thermodynamic model has been used, through which
the combustion chamber is considered to be a perfect mixing reactor, with temporal
variation in volume and chemical composition, temperature-dependent properties and
heat losses through the chamber walls [19] [20].

By combining the first principle of thermodynamics and the state equation of ideal
gases, the expression that allows characterizing the HRR can be obtained from the
chamber pressure curve [21]:

_M_L( sy Y .d_P)_ pv_ dy _ dQuL
HRR = e  y-1 p-y d6+v de (y-1)2 d6  df Eqg.1

The last term of the right-hand side of Eq. 1 (dQHL/dg) represents the heat losses

through the combustion chamber walls. Also, as can be seen in Eg. 1, the model
considers the sensible heat corresponding to the injected fuel to be negligible, although
it does consider the effect of the variation of the properties with temperature and
chemical composition.

The effect of temperature on the thermodynamic properties of the main chemical
species present in the mixture has been modelled by polynomial functions (Eq. 2) whose
coefficients have been obtained from the NASA JANAF thermodynamic data tables [22]:

%=a1+a2-T+a3-T2+a4-T3+a5-T4 Eqg. 2
The heat losses through the combustion chamber walls have been modelled

using the instantaneous cylinder average heat transfer coefficient h, (Eq. 3) proposed
by Woschni [23] for direct injection IC engines:

VaTiyc

h —326-L-[C- C, - (p — o8
g — o 1 Cm+ 2 (p pm) Eq3

0.2.70.55 PR T
B™4-T Pivc Vivc

Different variables are involved, such as the combustion chamber pressure p and
temperature T, the cylinder bore B, the mean linear piston speed c,,, the engine
displacement V,;, the temperature, the pressure and the volume of the chamber at a
reference point, considered as the ivc and, finally, the pressure in the chamber in the
absence of combustion p,,. The term in brackets in Eq. 3 represents the characteristic
speed of the gas inside the combustion chamber, which considers the contribution
derived from both the movement of the piston and the change in density experienced
during combustion. The values corresponding to C; and C, are shown in Table 5.



Table 5: Values C; and C, used in the Woschni correlation (Eq. 3).

Stroke C; C,
1%
Compression 2.28 4+ 0.308 C—S
m
1%
Combustion y expansion 2.28 + 0.308 C—S 3.24-103
m

Here, v is the tangential speed derived from the swirl, which has been accounted
for from a previously experimentally validated model [24]. In this way, the model used for
the present combustion analysis takes into account the effect on heat losses derived
from the adoption of internal turbulence induction mechanisms.

Finally, it should be noted that, for each test considered, the chamber pressure
curve used in the analysis results from averaging 150 consecutive cycles (COV ver<5%)
[19] [25].

4, Results
4.1. Analysis of performance and pollutant emissions

The experimental tests carried out have made it possible to characterize the
performance of the analysed engine working with different percentages of biodiesel after
being modified to operate with late direct injection. Firstly, a comparison between the
most characteristic results of the original and the modified configurations is shown in Fig.
2. The madifications related to the adoption of the late direct injection strategy have not
led to a relevant reduction in engine performance in terms of BMEP, since the maximum
values of this parameter experienced a decrease of only 6.9% compared to the original
configuration (Fig. 2, left). This shortfall is acceptable based on the significant reduction
of NOx emissions shown in Fig. 2 (right) for the modified configuration, where the NOx
decrease at high loads is higher than 50% compared to the original configuration.
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Fig. 2: Comparison between the original and the modified engine configurations (left:
maximum BMEP, right: NOx emissions without external EGR).

Among the results obtained is the brake efficiency, showing in Fig. 3 the
performance maps corresponding to each of the three fuel mixtures used for tests without
external EGR. It can be observed that the maximum efficiency experiences an increase
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as the percentage of biodiesel increases. This increase in brake efficiency is attributed
to the higher cetane index of biodiesel compared to fossil diesel fuel, which reduces the
delay in the start of combustion for higher percentages of biodiesel, increasing the
expansion work, as will be seen in more detail later.
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Fig. 3: Brake efficiency (dimensionless) maps (left: BO, middle: B30, right: B65)
corresponding to 0% external EGR.

By combining the chamber pressure curves obtained from the experimental tests
and the thermodynamic model described in Section 3, the temporal evolution of both the
HRR and the fuel mass fraction burned (Xz) can be obtained. In the case of the HHR,

throughout this work its normalized values (HRR = dXB/dg) will be shown, in order to

cancel the effect of the different LHV of the different fuel mixtures used, this being greater
for the fossil diesel fuel than for the rapeseed biodiesel (see Table 3). An example of the
results obtained by applying this method is illustrated in Fig. 4. The start of combustion
(SOC) has been established for X3°¢ = 5%, a common practice in the study of the
development of combustion due to the uncertainty associated with the identification of
the SOC as a consequence of the high noise level in the chamber pressure experimental
signal [26] [27] [28]. Likewise, the end of combustion (EOC) has been established for
XEOC = 959, thus disregarding the end of combustion, during which it develops very
slowly and whose analysis does not provide relevant information to the study [29]. In
relation to Fig. 4 it should also be noted that, as derived from the HRR and X curves,
the development of combustion derived from the use of late direct injection in the
analysed engine results in a combustion composed of two phases, premixed and
diffusive. This makes it possible to conclude that the mixture achieved inside the cylinder
is not completely homogeneous, despite the fact that, according to the injection system
data, the injection has ended at the start of combustion.
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Fig. 4: Cylinder pressure (top), heat release rate (middle) and fuel mass fraction burned
(bottom) corresponding to B65, 1800 rpm, 0.45 fuel/air equivalence ratio and 0%
external EGR.

However, the NOx emissions data of Fig. 5 show that the measures implemented
in the modified engine have made it possible to achieve a greater degree of homogeneity
than in a conventional IC engine. In other words, the NOx emissions associated with the
BO fuel in the configuration modified to operate with late direct injection represent less
than half of the emissions corresponding to the same fuel with the original engine [30],
without reducing its performance. This allows concluding that the homogeneity of the
mixture in the cylinder increases compared to the initial configuration of the engine.
Likewise, this reduction in NOx emissions shows a decrease in the maximum
temperatures achieved inside the combustion chamber, which implies that the effect of
radiation heat transfer is less relevant, which is consistent with the heat loss model
adopted (Section 3). In relation to the modified configuration, Fig. 5 also shows the
previously mentioned slight increase in NOx emissions associated with the use of
biodiesel, due to the effects mentioned in Section 1, among which the shorter ignition
delay corresponding to biodiesel stands out, which implies higher average temperatures
in the combustion chamber. To conclude the analysis of NOx emissions, Fig. 6 shows
their behaviour against the percentage of external EGR and the fuel/air equivalence ratio,
encompassing tests carried out at 1800 rpm for the three fuel mixtures analysed (BO,
B30 and B65). This confirms, firstly, the usefulness of cooled EGR as a tool for reducing
NOx emissions, despite the slight increase in specific fuel consumption associated with
the longer ignition delay and, consequently, lower expansion work. Secondly, Fig. 6
shows the direct proportionality between the NOx emissions and the fuel/air ratio, due to
the increase in the combustion chamber temperature derived from the oxidation of a
greater quantity of fuel.
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Fig. 6: NOx emissions (ppm) as a function of external EGR (%), for different fuel/air
equivalence ratios at 1800 rpm, including BO, B30 and B65.

Fig. 7 shows CO emissions versus variations in external EGR and fuel
composition, given fixed speed and fuel/air equivalence ratio. In this case, the increase
in the amount of external EGR leads to an increase in CO emissions, which is attributed
to the decrease in the average temperature of the gases in the combustion chamber.
This drop in temperature is associated with both the capacitive effect of the cooled EGR
and the longer delay in the SOC during the expansion stroke. Additionally, Fig. 7 allows
observing the effect of the percentage of biodiesel on CO emissions. It can be concluded
that a higher proportion of biodiesel results in lower CO emissions. This effect is
associated with the previously mentioned increase in the average temperature of the
gases during combustion due to the shorter delay in the SOC derived from biodiesel.
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Fig. 7: CO emissions (ppm) as a function of external EGR (%), for different fuel
mixtures at 1800 rpm and 0.45 fuel/air equivalence ratio.

Similarly to Fig. 7, Fig. 8 shows HC emissions versus variations in external EGR,
given fixed speed and fuel/air equivalence ratio. As in Fig. 7, an increase in HC emissions
derives from the increase in the amount of external EGR, which is attributed to the same
reason as the CO emissions increase referred in the previous paragraph: the decrease
in the average temperature of the gases in the combustion chamber, derived from both
the capacitive effect of the cooled EGR and the longer delay in the SOC during the
expansion stroke.
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Fig. 8: HC emissions (ppm) as a function of external EGR (%), for different fuel
mixtures at 2100 rpm and 0.45 fuel/air equivalence ratio.

To conclude the analysis of the emissions, the levels of soot are characterized
from the smoke opacity index (Fig. 9), which ranges from 0O (white) to 10 (intense black).
Although the figure shows the evolution of the smoke opacity index versus the
percentage of external EGR, in Fig. 9 (A) the parameter used is the fuel composition,
while in Fig. 9 (B) the parameter is the fuel/air equivalence ratio. Both Fig. 9 (A) and (B)
show the increase in soot emissions derived from an increase in the percentage of
external EGR, an effect widely present in conventional IC engines due to the reduction
in available oxygen. However, Fig. 9 (A) evidences that an increase of biodiesel
percentage in the fuel mixture results in lower soot emissions, as mentioned in Section
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1. This reduction in soot emissions is associated to the lower stoichiometric oxygen
needed to carry out the combustion. In addition, Fig. 9 (B) reflects the evident increase
in soot emissions derived from the increase in engine load.

A B
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Fig. 9: Smoke opacity index (BSU) as a function of external EGR (%). A: Different fuel
mixtures at 2400 rpm, 0.45 fuel/air equivalence ratio. B: Different fuel/air equivalence
ratios at 1800 rpm.

4.2. Analysis of ignition delay

Regarding the analysis of the combustion process, the ignition delay has been
analysed first. This delay is defined as the period (expressed in time or angle) between
the start of injection (SOI) and the start of combustion (SOC), set as the point at which
the fuel mass fraction burned achieves 5% (Fig. 4). In Fig. 10, the delay time is
represented against the engine load, using different fuel mixtures as a parameter. It is
observed that the greater the load, the shorter the delay. This effect is explained as a
consequence of the heating that the engine experiences when the load increases, which
finally translates into an increase in the temperature of the gas in the cylinder, which
reduces the ignition delay. Furthermore, as previously mentioned, the lower cetane
number of biodiesel (Table 3) implies that the higher the percentage of biodiesel in the
fuel mixture, the shorter the measured delay.

O Bo

Ignition delay (ms)

Brake mean effective pressure (bar)
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Fig. 10: Ignition delay (ms) as a function of break mean effective pressure (bar), for
different fuel mixtures at 0% external EGR, including 1800, 2100 and 2400 rpm.

In Fig. 11 the delay angle versus the percentage of external EGR is shown, using
the fuel composition as a parameter in Fig. 11 (A), while in Fig. 11 (B) the parameter
used is the engine speed. Both figures show that there is a practically linear increase in
the ignition delay derived from an increase in the percentage of external EGR, as a
consequence of the increase in the heat capacity of the mixture due to the higher fraction
of combustion products presented in the mixture. Furthermore, Fig. 11 (A) again shows
that the higher the biodiesel fraction, the shorter the delay. In addition to the previously
mentioned effect of the cetane index, the fact that the delay is shorter for biodiesel
causes higher average temperatures in the combustion chamber, which enhances the
advance effect caused by biodiesel. In addition, Fig. 11 (B) reflects the effect of engine
speed according to which, as in conventional IC engines, the delay angle increases with
speed. Although an increase in engine speed implies a decrease in delay time due to
increased turbulence, the delay angle increases, since the decrease in delay time is
proportionally less than the increase in engine speed (A8 = @ - At) [31].
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Fig. 11: Ignition delay (CAD) as a function of external EGR (%). A: Different fuel

mixtures at 2100 rpm, 0.45 fuel/air equivalence ratio. B: Different engine speeds for
B30 and 0.30 fuel/air equivalence ratio.

4.3. Analysis of heat release rate

The analysis of the evolution of the normalized HRR versus variations in the
different operating parameters is presented now. Before proceeding to the analysis of
the results shown, it should be clarified that the represented HRR curve is hormalized

(HRR = dXB/dg), therefore its absolute values (J / CAD) are not shown, which would

logically be higher the greater the fuel/air equivalence ratio considered. In Fig. 12 (A) the
influence of the percentage of biodiesel in the fuel mixture is shown. First, it can be
verified that, as previously mentioned, higher proportions of biodiesel imply an early start
of combustion, as a consequence of the higher cetane number associated with biodiesel.
In addition, this figure reveals that, despite presenting a shorter delay and therefore a
higher temperature of the mixture at the beginning of combustion, the higher the
percentage of biodiesel, the lower the maximum of the HRR curve. This trend is due to
the reduction of the delay time, which implies a lower fraction of evaporated fuel and,
consequently, a lower energy released during the premixed phase.
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Fig. 12: Evolution of the normalized heat release rate (1/CAD). A: Different fuel
mixtures at 2100 rpm, 0.45 fuel/air equivalence ratio, 0% external EGR. B: Different
engine speeds for B65, 0.20 fuel/air equivalence ratio, 0% external EGR. C: Different
fuel/air equivalence ratios for B65, 2100 rpm, 0% external EGR. D: Different
percentages of external EGR for B65, 2400 rpm, 0.45 fuel/air equivalence ratio.

Fig. 12 (B) allows characterizing the influence of the engine speed on the HRR,
concluding that the higher the speed, the lower are both the initial HRR gradient and its
maximum value achieved. This behaviour is again related to the shorter time available
for the evaporation and mixing of the fuel, as well as the cooling of the gases due to the
progress of the expansion stroke.

Fig. 12 (C) presents the influence of the fuel/air equivalence ratio on the HRR. As
mentioned at the beginning of this subsection, the absolute values of HRR (J / CAD) are
not shown here, which would logically be higher the greater the fuel/air equivalence ratio
considered. The main conclusion that derives from Fig. 12 (C) is associated with the
fraction of heat released in each phase of combustion. In this way, the higher the fuel/air
equivalence ratio, the more evident is the existence of a diffusive phase, despite the set
of measures adopted to enhance the homogeneity of the mixture prior to the start of
combustion. In other words, for low fuel/air ratios the predominant combustion is that
corresponding to the premixed phase, with high levels of homogeneity according to the
levels of NOx emissions, while for higher fuel/air ratios, on the contrary, the diffusive
combustion acquires importance.

To conclude the analysis of the behaviour of the HRR, Fig. 12 (D) shows the
influence of the percentage of external EGR. For values lower than 25%, it can be
observed that, although a longer delay implies a lower temperature of the mixture, a
higher percentage of external EGR implies a slight increase in the maximum value of
HRR. Paradoxically, this is accompanied by a reduction in NOx emissions (Fig. 6),
contrary to what occurs in conventional IC engines. Both the increase in the maximum
HRR and the decrease in NOx emissions or the subsequent reduction in the combustion
duration are attributable to the achievement of higher levels of homogeneity of the
mixture, which are due to the greater time available associated with a longer ignition
delay. For high values of external EGR, a decrease in the maximum value of the HRR is
observed, which is attributable to the lower temperature of the mixture due to the
progress of the expansion stroke, which leads to a lower reaction speed.
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4.4. Analysis of combustion duration

The behaviour of the combustion duration will now be analysed. First, Fig. 13
represents the combustion angle versus the engine load, using different fuel mixtures as
a parameter. The results show that the combustion duration is directly proportional to the
load. This is due to the increased amount of fuel injected, which necessarily increases
the time required to complete oxidation. Likewise, Fig. 13 reveals that, in global terms,
the combustion of biodiesel has a slightly shorter duration, which can be attributed to the
higher reaction speed derived from the higher average temperature of the gases
associated with the shorter delay.
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0 1 2 3 4 5 6 7 8

Brake mean effective pressure (bar)

Fig. 13: Combustion duration (CAD) as a function of break mean effective pressure
(bar), for different fuel mixtures at 0% external EGR, including 1800, 2100 and 2400
rpm.

Fig. 14 shows the decrease in combustion duration due to an increase in the
percentage of external EGR. As mentioned previously, a higher percentage of EGR
implies a longer ignition delay, which translates into a longer time available for
homogenization of the mixture, which, finally, implies a faster combustion. This effect is
striking, since the longer delays derived from an increase in external EGR lead to a lower
average temperature of the gases, which reduces the combustion speed. Likewise, the
aforementioned capacitive effect of the EGR also contributes to the decrease in the
average temperature of the gases. Finally, the results shown in Fig. 14 (A and B) allow
concluding that the dominant effect is that associated with the homogenization of the
mixture, which results in a shorter combustion duration. To conclude the analysis of the
combustion duration, Fig. 14 (B) allows characterizing the influence of the engine speed,
concluding that the higher the speed, the longer the combustion duration. This behaviour
is again attributable to the fact that the decrease in combustion time derived from the
increase in turbulence caused by the higher piston speed is proportionally less than the
increase in the rotational speed.
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4.5. Development of predictive correlations

To conclude the present study, the development of correlations that allow
predicting both the ignition delay and the combustion duration based on different
operating parameters is proposed. In the case of ignition delay, it should first be noted
that the use of Arrhenius's law (Eq. 4) entails unacceptable levels of error [32].

EA

T=A-p_”-exp(ﬁ) Eq. 4

For this reason, the use of polynomial correlations is proposed, which have
allowed obtaining satisfactory results in similar applications [32] [33] [34]. The validity of
such a predictive approach is limited to the operating conditions used for determining the
model parameters, which are defined in Table 4. However, before fitting the correlation
coefficients, a multifactorial variance analysis is performed in order to determine the
factors that have a statistically significant effect on ignition delay. The results of this
statistical analysis, which are summarized in Fig. 15, show that all of the four operating
variables analysed (% biodiesel, speed, fuel/air equivalence ratio and % external EGR)
are statistically significant in relation to delay:

T = f(%bio,rpm, F, %EGR) Eq. 5

On the other hand, the function that will be used to develop the delay correlation
will be a cubic polynomial without interactions, thus limiting the potential appearance of
the Runge phenomenon, consisting of significant numerical oscillations for points located
outside the calibration range of the correlation produced by higher order terms [29]. This
decision implies that the adjustment of 13 coefficients is necessary, which were
determined by applying a least squares fitting procedure (Table 6). The goodness of the
results obtained through this method is shown in Fig. 16 (R? = 0.960), highlighting that
the maximum error made in the prediction of the ignition delay is less than 1.4 CAD,
which is considered very good accuracy [29].
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Table 6: Correlation coefficients for predicting the ignition delay.
%bio rpm F %EGR
x© -20.27
x! -420 29457 14.00 -3.36
x? 3.02 -618.77 -31.75 56.80
x3 -0.18 323.21 14.63 -82.28
25 T T
§ o
O;zo = ]
g 15 -1
10 L L
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Measured ignition delay (CAD)
Fig. 16: Comparison between predicted and measured ignition delay (CAD). R? =

0.960.

The same procedure is applied to obtain the correlation corresponding to the
combustion duration. However, in this case, in addition to the four operating parameters

previously considered, the ignition delay will be added as a covariate:
AB = f(%bio,rpm, F, %EGR, T) Eq. 6

A statistical study allows finding that the strongest dependence derives from the
fuel/air equivalence ratio and, to a lesser extent, from the speed and the percentage of
biodiesel (Fig. 17). The least squares adjustment of the 16 coefficients (Table 7) involved
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in the cubic polynomial without interactions results in the predictions shown in Fig. 18,
which again stand out for their accuracy (R? = 0.971).
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Fig. 17: Box plot of combustion duration (CAD) versus biodiesel percentage (%), speed
(rpm) and fuel/air equivalence ratio (-)

Table 7: Correlation coefficients for predicting combustion duration.

%bio rpm F %EGR T
x0 76.98
x1 859.04 -554.14 95.95 295 -229.39
x? -4060.51 1728.47 -116.87 22.78 237.58
x3 4230.84 -470.22 67.87 -4558 193.34
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Fig. 18: Comparison between predicted and measured combustion duration (CAD).
R? =0.971.

5. Conclusions

The analysis performed has allowed deepening the knowledge of the combustion
process of different biodiesel blends in a Cl engine modified to operate with late direct
injection. The results about pollutant emissions allow concluding that the measures
adopted to enhance the homogeneity of the mixture have been satisfactory despite the
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difficulties stemming from the higher viscosity and density of biodiesel. In particular, the
success of the measures taken to reduce NOx emissions (< 50% compared to the
original engine configuration), without entailing a reduction in engine performance (only
a 6.9% shortfall in BMEP), has been demonstrated. It is worth highlighting the need to
promote ignition delay as a necessary measure to decrease the temperature of the
mixture and increase its degree of homogeneity, highlighting the effectiveness of the
external EGR and the internal turbulence induction mechanisms.

The aforementioned aspects suggest that by modifying the configuration of the
original engine, an advanced combustion mode has been achieved, intermediate
between that used in conventional Cl engines and HCCI combustion. This conclusion is
mainly supported by the low levels of NOx emissions achieved. However, the HRR
curves obtained show a diffusive stage, which is not present in typical combustion in
HCCI mode. This fact suggests that the homogeneity achieved, although greater than in
a conventional IC engine, is not complete.

Regarding the addition of different biodiesel fractions to the fuel used, it should
be noted that the experimental results obtained show a significant reduction in soot
emissions (55% for B65), as well as a higher brake efficiency (4% increase of maximum
brake efficiency for B65), a shorter autoignition delay (2.0 CAD for B65) and a shorter
combustion duration (2.5 CAD for B65). The mentioned reduction in soot emissions
balances the well-known increase derived from the adoption of the late direct injection
system.

The accuracy of the predictions derived from the correlations developed to model
the delay (R? = 0.960) and the combustion duration (R? = 0.971) will facilitate carrying
out new studies of this type, avoiding the need to carry out new experimental test
campaigns or carry out intensive calculations like those associated with CFD codes.
Finally, it should be noted that the authors are currently dedicating their research effort
to the development of a predictive model for the combustion of biodiesel with late direct
injection.
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